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Abstract

Purpose The braking system used on a recently upgraded metro vehicle showed very high low-frequency noise and vibra-
tions levels in service affecting passengers’ comfort and leading to both brake calliper lever failures and to premature wear
of brake pads. The characteristics of the phenomenon were such that it was classified as a groan noise type. As brake pads
with different characteristics were tested trying to attenuate the issue without success, the paper describes the approach
adopted by the authors to tackle the issue.

Methods The dynamic behaviour of all the components involved during the braking phase (wheelset, callipers, brake discs
and part of the bogie frame) was analysed by numerical simulations and tests during service, finding a coincidence of the
natural frequencies of the wheelset and the brake support. As this resonance was believed to be the root cause of the problem,
a number of structural modifications were proposed.

Results and Conclusions After a careful selection process that included robustness and sensitivity analyses, the accepted
modification proved to be effective in solving the issue and was applied with satisfaction to the whole fleet.

Keywords Railway - Metro - Braking - Groan noise - Vibration - Modal analysis - Operational deflection shapes - Structural

modification - Sensitivity analysis - Robustness

Foreword
Introduction

Due to the tendency of increasing vehicle speed, research
about railway vehicle noise is today mainly focused on the
analysis of aerodynamic noise [1, 2]. However, noise gen-
erated during the braking phases can be very annoying for
passengers within the vehicles and on station platforms,
especially for underground systems [3] due to sound reflec-
tions generated in tunnels that increase sound pressure for
a given sound power. The issue may become relevant for
human health in case of long-time exposures (e.g. drivers)
especially if high-pitch tonal phenomena such as squeal
noise are generated.

Measurements performed during braking of a high-speed
train have shown sound pressure levels above 100 dB in a
large range of frequencies [4, 5] due to squeal noise. The
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authors also have found important differences between three
different kinds of pads, showing how the characteristics of
the friction material play a major role in the generation of
squeal noise.

The frictional behaviour of the pair brake pad/brake disc
is a complex matter due to the variability over the time of
the involved parameters, i.e. contact pressure, contact area,
temperature and the friction coefficient [6]. Finite element
method and complex modal analysis are used to investigate
the issue and predict the unstable vibrational modes [7-11].

Apart from squeal noise, other kinds of instability behav-
iour can be generated during the braking phase. Low-fre-
quency vibrations are responsible for the so-called groan
noise, which is not very common in railway brakes, while
several theoretical and experimental studies can be found for
automotive vehicles [12-15].

The present paper deals with a case of loud groan noise
found during the braking phases of a railway vehicle. It
occurred when a large upgrade project was applied to a
metro vehicle built in the 1970s to extend its useful life and
one of the major changes was a completely new trailer bogie
that included wheelsets with two brake discs fitted on the
axle.
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Soon after the beginning of the service, a loud low-fre-
quency tonal noise appeared during service braking, together
with high vibration levels generating failures on the calliper
and fast brake pads crumbling.

The analysis of the mechanical system and noise char-
acteristics led to the conclusion that the phenomenon falls
in the groan noise category. A specifically designed test
campaign confirmed high acceleration levels, while meas-
urements performed with electrical resistance strain gauges
showed very high stress levels in the brake units.

As an immediate structural mitigation measure, the
authors proposed a reinforcing modification to brake calliper
components. This short-term provision proved to be success-
ful as further failures were prevented, leaving nevertheless
unaffected the cause of noise and vibration (N and V) issues
that continued to be present.

The paper is the extended version of the conference paper
[16] and describes the approach used to eliminate the N and
V issue, including findings, modelling and tuning of the
proposed solutions. A comprehensive sensitivity analysis
allowed to define the robustness of the different solutions
and to identify the most promising one. The accepted modi-
fication was then implemented throughout the entire fleet
with complete satisfaction.

Braking N and V Classification

Friction braking may introduce unpleasant side effects
such as degraded dynamics, thermal effects and wear of the
involved components. Higher noise and vibrations may orig-
inate at the sliding contact between the friction component,
i.e. the brake pad, and the rotating part, the disc brake or the
wheel in the case of brake blocks.

Both groan noise and squeal noise are generated by
unstable (self-excited) vibrations, caused by the nonlinear
behaviour of the brake pad/brake disc pair. Specifically, the
stick—slip phenomena, led by the negative slope of the fric-
tion force vs. sliding speed curve above the adhesion limit,
the sprag—slip phenomena occurring even if the coefficient
of friction is independent from the relative speed and flutter
due to the interaction of vibrating modes can be the mecha-
nisms of generation of unstable vibrations [17, 18].

The mechanism responsible for the squeal and the groan
noise is not the same. As consequence they appear at differ-
ent frequencies and with different consequences:

e The squeal noise occurs at high frequencies (> 1 kHz),
mainly due to complex flutter mechanisms involving out-
of-plane (bending) elastic displacements of the brake
disc, which vibrates at its eigenfrequencies generating
a high pitch and very loud and tonal noise. Squeal noise
is very annoying, but has limited consequences on struc-
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tural components as the amplitude of vibrations does not
generate noticeable stresses;

e The groan noise occurs at lower frequencies (< 1 kHz),
and it is correlated to an in-plane motion of the brake disc
and the stick—slip phenomena is considered responsible
for the excitation. The disc can be considered rigid and
all the flexibility of the system can be attributed to the
calliper components. High-intensity vibrations are gener-
ated which are transmitted by the structure and cause a
loss of comfort for the passenger inside the vehicles [19].

Groan noise occurs at low speed and could be affected
by both the friction properties of the materials involved
and the mechanical properties of braking equipment [20,
21], especially the stiffness of the components supporting
the brake callipers and the characteristics of the suspen-
sions. Therefore, groan noise can be tackled by acting on
the dynamic response of the whole system instead of lim-
iting the analysis to the friction behaviour of the contact
surfaces between brake discs and brake pads [22, 23].

In the present case, all the attempts to solve the issue,
mainly present at the one-third octave band centred at
250 Hz, by changing the friction material, i.e. the brake
pads, were not effective, showing a possible correlation
between the vibrations and the global dynamic behaviour
of all the following components (Fig. 1):

e The wheelset, including axle, wheels and brake discs, that
cannot be considered rigid.

e The bogie frame (or its sub-parts) and the connecting
interfaces with the braking equipment.

e The brake support, a cast steel component bolted to the
bogie frame which makes the bogie frame adaptable to
different brake units.

e The brake unit, suspended with links to the brake sup-
port.

Fig. 1 General view of the trailer bogie with indication of the main
components



Journal of Vibration Engineering & Technologies

Fig.2 Brake unit installed on the brake test bench

Wheelset and Braking System Dynamic
Analysis

Behaviour of the Braking System on the Test Rig

The brake unit discussed in this paper is used since many
years in many different projects without any problem, and
this research deals with the very first occurrence of high
noise generated by the vehicle equipped with this compo-
nent. During qualification phases the brake unit was obvi-
ously tested but no noise issues were observed during the
type tests on the supplier test bench (Fig. 2). This can be
explained by observing that the bench did not fully repro-
duce the actual configuration of the bogie as (i) the wheel-
set was absent, (ii) the brake disc was installed on a shaft
which does not reproduce dynamically its real boundary
conditions, (iii) the brake unit was connected to the bench
with a different brake support (welded instead of casted)
and iv) the bogie frame was replaced by the much stiffer
bench structure.

Fig.3 Arrangement of sensor for line tests. Top left: accelerometer position on the wheelset. Top right: view of the braking unit with indication
of the accelerometers position on the brake support. Bottom: accelerometers position on the brake unit
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Fig.4 Signals recorded during test runs. From top to bottom: longitu-
dinal RMS vibrations on wheel and calliper, vertical RMS vibrations
on wheel and calliper, brake cylinder pressure, vehicle speed

Behaviour of the Braking System During Line Tests

An extensive measurement campaign was performed on
the vehicle using accelerometers as shown in Fig. 3. Micro-
phones below the vehicle as well as in the passenger area
within the carbody were also installed. Very high N and V
levels were confirmed, with unacceptable annoyance inside
the vehicle.

Figure 4 shows an example of the test run results (includ-
ing starting, constant speed and stopping phases) in terms
of wheel and calliper longitudinal and vertical acceleration.
Wheel accelerations (red lines) are mainly constant during
the run, depending only on the vehicle speed. These vibra-
tions are not transferred to the bogie frame (and the brake
calliper) due to the filtering effect of the primary suspension.

On the other hand, calliper accelerations (blue lines)
result higher than wheel accelerations when braking is
applied (p >0 in the brake cylinder) showing that the abnor-
mal vibrations (> 15 g) in the braking elements were not cor-
related to wheel vibrations and/or track geometry quality. It
was not surprising observing fatigue failures on the callipers
under accelerations of this level as design loads are+6 g in
vertical direction and +2.5 g in longitudinal direction for
components attached to the bogie frame [24].

The accelerations recorded during the measuring cam-
paign were used with a double purpose:

e Validate the design vs. existing standards conducting a
frequency analysis according to the EN 61373 standard
[25], which defines the requirements for rolling stock
equipment subjected to vibrations up to 250 Hz. The
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Fig.5 Vibration analysis conducted according to EN 61373 [25] on
brake calliper. The green line is the spectral density limit, blue lines
are the acceleration spectra without braking and purple lines are the
acceleration spectra when braking is applied

results of the analysis showed that vibration levels in
all directions exceed the limits stated by the standard at
around 230 Hz (Fig. 5).

e Performing an operational deflection shape (ODS)
analysis [26] integrating twice the acceleration signals
with a very low cut-off frequency high-pass filter to
prevent data drifting. After the integration process (that
acts as a low-pass filter) the only dominant frequency
was the one around 220 ~ 230 Hz and the resulting dis-
placements let to visualize the two sides of the calliper
moving in counterphase (Fig. 6).

Experimental Frequency Response of the Wheelset

To investigate the frequency response of the wheelset,
a simplified frequency response functions (FRF) were
measured by hitting vertically and transversally with an
instrumented hammer the centre of the axles of a spare
wheelset resting on soft rubber blocks placed under the
axle boxes [27]. The acceleration was measured during
a roving hammer excitation in different positions of the
wheelset, allowing to identify the natural modes of the
free wheelset.
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Fig.6 Two frames of the animation of the measuring locations on
the calliper during braking, plotting the unfiltered full displacement
time history that was clearly dominated by the 220~230 Hz move-
ment. The vertical segments are the links connecting the pad hold-

Fig.7 Vertical H,,, (red line)
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Measurements were performed with a frequency res-
olution of 1 Hz in the range 0~ 1000 Hz. The correla-
tion (coherence) between the input (force) and the output
(acceleration) signals was checked by averaging five FRFs
per measuring point.

The most relevant result is the point FRFs in vertical
direction H;,, shown in Fig. 7 (red line) in which a clear
resonance around 230 Hz can be identified.

Numerical Simulations of the Wheelset

A three-dimensional model of the complete wheelset was
developed to perform a FE analysis. Steel properties (Young

300 400 500 600 700 800 900
Frequency [Hz]

1000

modulus E=2.1x 10° MPa), were used to model the axle,
the wheels and the disc hub on which five cast iron disc sec-
tors are bolted. Cubic elements were used to generate a mesh
with a minimum element size of 10 mm.

The finite element model was used to estimate numeri-
cally the modal properties and the harmonic response up to
1 kHz. The analysis was not intended to exactly replicate
the magnitude of the wheelset response and therefore only
two combinations of parameters influencing the peaks val-
ues were used: a low damping (damping ratio £=0.001)
with adaptive frequency resolution which increases the
Af in proximity of the natural frequencies, and a higher
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Fig.8 Comparison of measured and estimated H;;, point FRFs. Thin
red line: measured FRF. Thick red line: £=0.001 estimated FRF with
variable frequency resolution. Blue thick line, £=0.01 estimated FRF
with constant frequency resolution

Fig.9 Estimated response of

damping (damping ratio £=0.01) with fixed frequency
resolution equal to Af=1 Hz.

Damping was applied as constant damping ratio in the
whole range of frequencies and the comparison of the two
methods with the measured FRF (Fig. 8) shows that both
the numerical models are sufficiently tuned to the real
behaviour of the wheelset. However, the fixed frequency
resolution method was chosen for all the other simulations
as it allows a better estimation of anti-resonances.

Further FRFs were then estimated by introducing an
inclined triaxial force F=1i+4 1j+ 1_k acting at the contact
point while the response was evaluated on the surface of the
nearby brake disc. A point laying on the horizontal plane
on the mid radius of the active surface of the brake disc
was selected. The choice of the input value was arbitrary
and the real response to wheel-rail contact forces was not
searched. The scope of this simulation was instead to check
if all the modes can be excited by a generalized force and if
the response of the disc was relevant in the whole selected
frequency range regardless of the actual contact forces.

The elastic mode shapes up to 400 Hz of the free wheel-
set obtained by the FEM model are listed and described
in Annex I, while the FRF with the indication of the cor-
responding modes is shown in Fig. 9. Blue line is the

Response in the three orthogonal directions on the disc surface to a[1,1,1] force at the wheel-rail contact

one point on the disc active
surface on the horizontal plane
(mid radius) when excited by a
triaxial force at the wheel-rail
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contact. Orange labels number-
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Fig. 10 Possible mutually
orthogonal motions of the disc
w.r.t. the brake pads (white
arrows). Vertical arrows indi-
cate the change in the instanta-
neous braking force

longitudinal direction, green line is lateral (axial) direction,
and red line represent the vertical direction.

Identification of the Root Cause

While a brake unit is designed to give the same force to
either side of the brake disc, inertial and elastic forces at
even low frequencies break this equilibrium and the interac-
tion between the disc and the brake unit can be affected by
three linear motions, as shown in Fig. 10:

e If the disc moves longitudinally (in plane), there is no
change in the braking forces.

o [f the disc moves vertically (in plane), the change of the
braking forces on both sides of the calliper is identical
(in phase) and of limited amplitude (therefore unable to
trigger stick—slip phenomena);

e [f the disc moves laterally (out-of-plane) the normal
forces applied by the pads change considerably, result-
ing in similar change on the vertical forces. These forces
act with opposite phase, i.e. shearing forces.

The kind of motion resulting from the ODS analysis is
compatible with this out-of-plane movement. It was there-
fore concluded that the generation of vibrations could be
originated by the shearing forces which are generated by
the out-of-plane motion of the brake disc due to the dynamic
response of the wheelset to wheel-rail contact forces. In
this way, all the mode shapes not involving a lateral motion
of the brake disc are excluded from being responsible for
vibration.

According to the previously described FEM model,
modal shapes with out-of-plane movements of the brake disc
surface are modes 8 and 9 (~ 81 Hz, large effect), modes 10
and 11 (~ 141 Hz, small effect), modes 12 and 13 (~225 Hz,
large effect), mode 14 (~246 Hz, small effect), mode 16
(~319 Hz, large effect), modes 17 and 18 (~357 Hz, large
effect). Modes 7 (~71 Hz) and 15 (~313 Hz) should have
instead no effect at all.

As modes 12 and 13 are the closest to the frequency
found during the measuring campaign and they show rel-
evant out-of-plane movements, the root cause was identified
as the coincidence of the third natural bending frequency of
the wheelset and the “twisting” mode of the braking systems
that are “short-circuited” by the pads during braking.

Response of the Bogie Frame to Shearing
Forces

The combined bogie frame + brake support+ brake unit
response to the alternate shearing forces described above
was numerically investigated. While the number of natural
frequencies of a full bogie frame is large, it is reasonable
to suppose that the analysis can be limited to the submodel
made of the braking bar, the welded bracket and the brake
support, as shown in Fig. 11.

The finite element model was tuned manually changing
the masses of the calliper to obtain modes that match with
the tests. This led to 18 kg each for the two front masses
(brake pads and pad holders) and to 40 kg for the rear mass
(brake cylinder). These values are in complete agreement
with real masses of the mechanical components. To improve

Fig. 11 Submodel of the brake support, the braking bar and the
welded bracket

@ Springer



Journal of Vibration Engineering & Technologies

Fig. 12 Comparison of axial w0 T
(above) and radial (below)
response of the wheelset with a Yr 1
the natural modes of the bogie ‘%
submodel shown in Annex II s | 1
indicated separately for twist "—i '
(red arrows) and pitch modes E r 1
(green arrows) s B

1°.| 1

0 w0’

Amplitude [dB]

the dynamic behaviour of the model, the two front masses
were connected remotely by means of cylindrical friction-
less hinges to the brake support inclined by 5° as the real
component.

The first modes of the tuned bogie submodel are
described in Annex II. They were classified according to
the main motion of the calliper supports as “pitch modes”
(“‘eyes” move vertically in phase) and “twist modes” (“eyes”
move vertically in counterphase).

The axial response of the wheelset (Fig. 12, above) may
generate “twist” forces coupled with modes 3 and 4 of the
bogie submodel (red arrows), while the response in the
radial/longitudinal direction (Fig. 12, below) may generate
“pitch” forces coupled with modes 1, 2 and 5 of the bogie
submodel (green arrows).

For reasons related to the possible modifications to be
applied, as shown in the next chapter, it is important to
highlight a dangerous area in the range 300 ~ 600 Hz due to
the presence of several modes in the axial response of the
wheelset (Fig. 12, above).

Frequency [Hz]

As pitch modes of the brake support are deemed to be
of minor importance for the reasons described in chapter 3,
the interest was then focused on the very close twist modes
3 and 4 (counterphase at ~226 Hz and in phase at ~228 Hz)
of the brake supports (Fig. 13).

Proposed Modifications to the Brake
Support

As no changes were possible to the bogie frame, to the
wheelset and the to brake calliper as these safety-related
components were approved for service and a re-certifica-
tion of the vehicle had to be absolutely avoided, the only
possibility was to investigate the effect of several modifi-
cations to the existing brake supports either by changing
the ribs stiffness or by designing a totally new brake sup-
port, clearly keeping unchanged the interface to both the
bogie and the calliper.

To break the coincidence of the natural frequency of
the bogie frame submodel with the natural frequency of

Fig. 13 Counterphase (left, 226 Hz) and in-phase (right, 228 Hz) brake support natural modes of the bogie submodel
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the wheelset that excited shearing forces, the formula
f=(kim)"*/2x that provides the natural frequency f of sin-
gle degree of freedom systems with stiffness k and mass m,
had to be considered. Structural modifications of the brake
support were grouped in those decreasing the natural fre-
quency (either by increasing the masses (A) or by reducing
the stiffness of brake support (B)) and in those increasing
the natural frequency (either by increasing the stiffness (C)
or by decreasing the mass of the brake support (D)) of the
bogie frame submodel.

While modification D proved not possible for mechani-
cal strength reasons, solutions A, B and C were investi-
gated as the final selection had to be done not only on the
basis of the dynamic behavior, but also evaluating manu-
facturing and maintenance parameters.

Solution A consisted in the addition of steel blocks
(6.4 kg each) clamped to the existing brake support was
simulated, taking into account the fact that the brake sup-
port is a casting and that therefore the solution should be
self-adjusting (Fig. 14).

This solution requires no machining of the support,
steel blocks can be applied without any further operation,
the design is compatible with adjacent parts, the instal-
lation is fast, there is no need to lift the car body up for

Fig. 14 CAD drawing of the
addition of a 6.4 kg mass at
each end of the brake support
upper element (left). Simplified
implementation on the FEM
dynamic model

Fig. 15 CAD drawing of the
softer brake support (left). Sim-
plified implementation on the
FEM dynamic model (right)

installation and the train is immediately available to go
back to service.

The effect of these masses is to reduce the twisting fre-
quency from around 227-189 Hz, looking very promising.
The only concern was about inertial forces; however, consid-
ering the limits stated in [24], these inertia forces are equal
to 0.4 kN with 6 g acceleration (fatigue loads) and 1.3 kN
with 20 g acceleration (exceptional loads). These values are
negligible when compared to the maximum braking forces
(>20 kN) under which the support is designed.

Solution B consisted in softening the brake supports by
removing small portions of the vertical ribs (Fig. 15). This
solution requires very simple machining (slot milling, tool
d=20 mm) without hot operations (welding, laser cutting,
etc.).

The effect of these solution is to reduce the twisting fre-
quency from around 227-191 Hz, looking very promising.
The only concern was about strength of the component after
milling. Under the maximum braking forces the maximum
equivalent stress according to the Von Mises criterion is
lower than 170 MPa, below the fatigue limit of the material.

Solution C consisted in stiffening the brake support.
This can be done in many ways. By using an extreme solu-
tion, in which the original support was replaced by a thick
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Fig. 16 FE implementation of
an extremely stiff support (left).
First twisting mode, at 562 Hz
(right)

Fig. 17 CAD drawing of a
small stiffening rib applied to
the existing brake support (left)
and FE model (right)

160x 160 12.5 mm square steel pipe to which a rear plate
and the “eyes” are welded (Fig. 16), the analysis of the iso-
lated support (fixed at the rear) showed a twist frequency
of around 775 Hz, i.e. outside the dangerous 300+ 600 Hz
range described above. Unfortunately, when applied to the
bogie frame the same mode appeared at 562 Hz, i.e. coin-
cident in practice with a high lateral response of the brake
disc. This is mainly due to the flexibility of the bracket
welded on the braking bar. It was concluded that it was nec-
essary to modify the bogie frame to go beyond the dangerous
300+ 600 Hz range.

Once the idea of a totally new support was abandoned,
several stiffeners were applied to the existing brake support.
The only possibility was then to try to “fall” in the anti-
resonance region existing at around 250 Hz and the best
solution found is shown in Fig. 17, in which the adoption of
a simple 40-mm-long horizontal transversal rib connecting
the vertical ribs is shown.

This solution requires a very simple preparation and sim-
ple welding operations. The effect of these solution is to
increase the twisting frequency from around 227-244 Hz.

A comparison of the effect of the structural modifications
above on the bogie frame submodel in nominal conditions
(i.e. with new pads) is shown in Fig. 18.

After a long and thorough comparison, solution C was
selected as the best combination of simplicity and potential
efficacy.

@ Springer
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Fig. 18 Effect on the twisting frequency of the different structural
modifications proposed for the brake calliper support (green arrows)
compared to the current twisting frequency (red arrow)

Sensitivity and Robustness Analyses

The target of the modification was set to reduce vibrations
by one order of magnitude. As the damping of the bogie
frame submodel was unaffected by stiffening, this can be
achieved only by acting on the response of the braking sys-
tem to wheelset vibrations that depend on the level of wear
of its components. Specific simulations were performed to
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Fig. 19 Change of the natural
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analyse the system in all possible combinations of wear of
the different components (wheel, brake discs, brake pads),
making the solution highly robust under all service condi-
tions. Results are shown in Fig. 19.

The amplitude of the excitation coming from the wheelset
is reduced by a factor 10 in the 233 +292 Hz useful range.
The proposed 40-mm-long stiffener (solution C) is therefore
an effective solution with the wheelset in new conditions as
its natural frequency lies in this range (244 Hz),

The combined effect of wheel wear (— 80 kg each from
new to fully worn) and brake discs wear (— 20 kg each from
new to fully worn) leads to a gradual shift of the wheelset
modes towards higher frequencies. This implies that the useful
range for bogie frame submodel reduces to the 275 +292 Hz
range, making solution C with 40-mm stiffener unsuitable.

This sensitivity analysis forced to look for a different
solution able to cover all worn conditions of the wheelset.
To be robust, a solution must be effective with all the “natu-
ral” modifications of the mechanical system that, in the long
term, is not time invariant.

300 350 400
Freugency [Hz]

Further to the effect of wheel and brake discs wear on the
wheelset natural frequencies, also the effect of worn brake
pads (— 2 kg each) on the bogie submodel was investigated.

A set of simulations was made to combine all possible wear
conditions. The resulting natural frequencies and the influ-
ence of the length of the stiffener are summarized in Table 1
and Fig. 20. It proved impossible to completely fulfil the
275-292 Hz range by a stiffening of any length as the shift
between the in-phase and the counterphase motion frequency
of the two brake supports only depends on the braking bar
stiffness, a parameter that cannot be changed. It was eventu-
ally decided to select a 80-mm-long stiffener that provides a
reduction of approximately 0.13 times the nominal situation.

Testing and Validation of the Modified
Calliper Support

Both an original support and a modified support with an
80-mm-long stiffener were tested to validate the activ-
ity (Fig. 21). As some eigenmodes are local and a total

Table 1 List of natural 18 kg per side 16 kg per side
frequencies of twisting modes (new brake pads) (worn brake pads)
of the bogle frame submodel Length of the Counterphase In-phase Counterphase In-phase
as a function of the length of - . . . .
. stiffener motion [Hz] motion [Hz] motion [Hz] motion [Hz
the stiffener and of the wear
of brake pads (green=0K, | 0 226 Hz 238 Hz
red =not OK, yellow =still 40 mm 244 Hz 256 Hz
acceptable) -
60 mm 259 Hz 271 Hz
80 mm 272 Hz 285 Hz
90 mm 278 Hz 289 Hz
120 mm 285 Hz
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Fig.20 Plot of the data shown 340 T
in Table 1 (natural frequencies :
of the bogie submodel as a

function of brake pad wear and 320
stiffener length). The shaded
area is the range 275+292 Hz
in which the wheelset response
is <0.1 times the amplitude of
the resonance for any wheelset
wear condition

300

280

260

Natural frequencies of the bogie [Hz]

240

....................................

Counterphase twisting mode
In-phase twisting mode
= Counterphase twisting mode with worn pads
= |n-phase twisting mode with worn pads

220 i

Fig.21 Left: a modified support
with an 80-mm welded stiffener.
Right: measurement of the point
FRF on both original a modified
support

correspondence of the numerical model with the experi-
mental tests is impossible, it was decided to focus only on
the global modes (so-called target modes) and to update the
model with minor adjustment in the geometry of the compo-
nent. In both supports, the bushings (missing in the previous
analyses) were introduced. The comparison between FEM
and the result of the tests is shown in Annex III, showing
that the models used in the original calculations were sat-
isfactory. A further re-calculation of the braking bar led to
negligible changes in the natural frequencies.

Testing, Application and Final
Considerations

To solve the issue of groan noise appearing in the trailer
bogie of an upgraded metro vehicle, the authors investi-
gated first the natural behaviour of the mechanical and
friction system, reaching the conclusion that the root cause
was due to the coincidence of the natural frequencies of

&\ Springer

40 60 80 100 120
length of the stiffener [mm]

the wheelset and of the part of the bogie frame including
the braking system.

To break the tie between the two subsystems, a shift in
the natural frequencies to decouple them was searched for.
Through an extensive modelling and tuning phase based
on experimental data, a solution was found by a relatively
simple structural modification of the calliper support. A
sensitivity analysis of system changes due to the wear of
the components involved in the phenomenon (wheel wear,
disc wear, brake pads wear) was needed to make the solu-
tion robust throughout the entire life of the vehicle.

All the vehicles in the fleet were gradually retrofitted with
the modified solution without showing the problem anymore.
No noise and/or vibrations were then perceived during the ser-
vice, making any further measuring unnecessary.

The modification had a minimum impact on operations, as
the bogie frame, the wheelset and the braking unit were not
affected by the brake support replacement. As there was no
practical effect on the mass, a re-homologation of the vehicle
was not needed.
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It can be concluded that the application of a very robust and
low-cost modification solved the issue completely. Also other
side effects, such as abnormal brake pads wear, disappeared.

Annex|

List of numerical elastic mode shapes and natural frequen-

cies of the free wheelset in the frequency range of interest
(* =lateral motion of the discs on a horizontal plane passing
through the axle). Rigid body modes (1 ~6) are omitted.

Mode description

Mode shape

Mode description

Mode shape

Mode 7 (71 Hz)

1* torsional mode

(wheels and discs on

each side in phase)

In-plane motion of
the discs”

Mode 14 (246 Hz)
Axial mode of the
wheels
Small out-of-plane
motion of the discs”

Mode 8 (81 Hz)
1%t horizontal

bending mode of the

axle counterphase)
Out-of-plane motion rpha
L In-plane motion of
of the discs o
the discs

Mode 15 (313 Hz)
2" torsional mode
(wheel and discs on
each side in

Mode 9 (81 Hz)
1%t vertical bending
mode of the axle

. counterphase
No mot h .
¢ m;ilsocr;*of the Out-of-plane motion
’ of the discs”

Mode 16 (319 Hz)
Axial mode wheels
and discs in

Mode 10 (141 Hz)
2™ horizontal
bending mode

Small out-of-plane motion
motion of the discs” Out-of-plane motion
of the discs”

) [bending mode of the

Mode 17 (357 Hz)
2" horizontal

axle with discs large

Mode 11 (141 Hz)
2" vertical bending
mode
Small out-of-plane
motion of the discs”

Mode 18 (357 Hz)
2™ vertical bending
mode of the axle
with discs large
motion
Small out-of-plane
motion of the discs”

Mode 12 (225 Hz)
1% horizontal

bending mode of the

axle with wheels in
counterphase

. wheels
Qut-of-p lan? mgtlon In-plane motion of
of the discs L
the discs

' counterphase, small

Mode 19 (360 Hz)
3" torsional mode,
discs in

movements of the

Mode 13 (225 Hz)
1* vertical bending
mode of the axle
with wheels in
counterphase
Small out-of-plane

motion of the discs”

@ Springer
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Annex |l

List of mode shapes and natural frequency up to 500 Hz of
the bogies frame submodel. Modes are identified based on
the dominant displacement component as “twist” (“eyes”
in counterphase) and “pitch” (“eyes” in phase).

Mode | Freq. .
M [Hz] Mode shape Description

1% “pitch” mode (supports
in phase)

1 156
2nd “pitch” mode
(supports in counterphase)

2 211
1% “twist” mode (supports
in counterphase)

3 226
2™ “twist” mode (supports
in phase)

4 228
3 “pitch” mode (supports
in phase)

5 324

@ Springer
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Annex Il were selected to get the lowest error between experimental

and numerical natural frequencies.
Tuning of the models of original and modified support

(80-mm-long stiffener). Green cells identify the modes that

Original support Modified (stiffened) support
Mode Mode shape Frequency Mode shape Frequency
Original= 894 Hz Original= 935 Hz
1 Tuned= 863 Hz Tuned= 902 Hz
Experimental= 864 Hz Experimental= 934 Hz
Error=-0.1% Error=-3.5%
Original=913 Hz Original= 978 Hz
’ Tuned= 874 Hz Tuned= 951 Hz
Experimental= 881 Hz Experimental= 977 Hz
Error=-0.8% Error=-2.7%
Original= 1049 Hz Original= 1479 Hz
3 Tuned= 1017 Hz Tuned= 1485 Hz
Experimental= 1022 Hz [Experimental= 1492 Hz
Error=-0.5% Error=-0.5%
Original= 1775 Hz Original= 1956 Hz
4 Tuned= 1774 Hz Tuned= 1945 Hz
Experimental= 1834 Hz Experimental= 1939 Hz
Error=-5.1% Error=+0.3%
Original= 1951 Hz Original= 1969 Hz
5 Tuned= 1907 Hz Tuned= 1983 Hz
Experimental= 1963 Hz Experimental= 1995 Hz
Error=-2.9% Error=-0.6%

@ Springer
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